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Abstract: The hydrodynamic bearing has an important role in rotating machinery, because its characteristics can
directly affect the dynamic behavior of the rotor. On other hand, the behavior of the thrust bearing depends on several
parameters, namely, clearance, oil film temperature (or viscosity), oil film minimum thickness and loading. Certainly
relative velocity is also an important parameter, however in this paper the focus is mainly on the oil film thickness and
the experimental validation of the dynamic coefficient of stiffness. To reproduce the complete rotating system, an
accurate modeling of the bearings is, then, mandatory. Here, a turbocharger thrust bearing is represented by a
thermohydrodynamic model and inserted in the numerical model of the turbocharger rotor as equivalent dynamic
coefficients of stiffness and damping. To proceed with the experimental validation, an experimental set up is
assembled in order to measure axial load and displacement of the shaft for several rotation speeds. The numerical
simulation of the experimental set up is accomplished and the results are compared. However, uncertainties related to
the assembling and, mainly, to some measurements are found to propagate up to the final estimation of the oil film
thickness and, consequently, the stiffness coefficient. Facing this problem, a statistical analysis of the experimental
results is fundamental to establish a confidence bound of the parameters estimation. The confidence limits conditions
were, then, numerically simulated and interesting results about the parameters sensitivity are reached. At this point,
the experimental validation of the bearing model is presented in terms of mean value and standard deviation,
considering Gaussian distribution for the uncertainties.

Keywords: thrust bearings, stiffness coefficients, experimental validation, measurements uncertainties.

INTRODUCTION

The industry demand of high performance and downsizing of machines and equipments claims for devices with
even more high rotation speeds and severe loading. Such equipments can be found in several applications as power
generation plants, power units, automotive industry and so on. If flux machines are involved in the process, axial
displacements and efforts are present in the dynamic of the system. Consequently, hydrodynamically lubricated thrust
bearings should be employed in such equipments. The behavior of the thrust bearing depends on several parameters,
namely, clearance, oil film temperature (or viscosity), oil film minimum thickness and loading. Certainly relative
velocity is also an important parameter, however in this paper the focus is mainly on the oil film thickness and the
experimental validation of the dynamic coefficient of stiffness. To reproduce the complete rotating system, an accurate
modeling of the bearings is, then, mandatory.

The lubricated system response to the external excitation is a crucial factor on the system design due to the specific
dynamic characteristics necessary to guarantee the high performance of the system. At this point, a numerical model to
evaluate the system behavior when hydrodynamic thrust bearings are applied under high rotation speeds needs to take
into account then thermal effects on the fluid film. The present work presents a thermohydrodynamic (THD) model, and
a test bench, specifically adapted to analyze the axial behavior of a shaft assembled on thrust bearings and subjected to
high rotation frequencies. The equivalent axial direct stiffness coefficient of the fluid film of the thrust bearing is
estimated numerically and experimentally.

However, uncertainties related to the assembling and, mainly, to some geometric properties are found to propagate
up to the final estimation of the oil film thickness and, consequently, the stiffness coefficient. Facing this problem, a
statistical analysis of the experimental results is fundamental to establish a confidence bound of the parameters
estimation. The confidence limits conditions were, then, numerically simulated and interesting results about the
parameters sensitivity are reached. At this point, the experimental validation of the bearing model is presented in terms
of mean value and standard deviation, considering Gaussian distribution for the uncertainties (Montgomery and Runger,
2011).

REVISION OF LITERATURE

The application of lubricated bearings in rotating machines with high operating speeds is specific critical due to the
significant shearing of the fluid, substantially increasing the temperatures of the bearing and the fluid. Consequently, the
viscosity of the fluid decreases, affecting the dynamic behavior of the bearing. Consequently, the influence of the
thermal effects on the dynamic characteristics of the bearing must be taken into account, leading to the need of a
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thermohydrodynamic (THD) model for thrust bearings. According to Ahmed et al. (2010) “the few studies that can be
found in the literature on thermal effects and deformations in hydrodynamic fixed geometry thrust bearings prove that
the increase in the temperature has a great influence on thrust bearings characteristics”.

Dowson (1962), presented the Generalized Reynolds’ Equation used for the evaluation of the pressure distribution in
the fluid, considering the variation of the fluid properties, such as viscosity and specific mass. Later, Dowson and
March (1966), developed a THD analysis through the solution of the Generalized Reynolds’ Equation and the Energy
Equation applied to the fluid and the solid elements, obtaining good agreement with previous experimental results. At
this point, the demand for reliable experimental results for comparison and validation of the numerical models increased.
However, only at the 1990’s, with the improvement of data acquisition and data processing systems, the experimental
estimative of dynamic coefficients became more accessible.

For the specific case of thrust bearings, some recent works may be cited: Almqvist et al. (2000) compared the
simulated results for a THD model to the experimental results obtained for a tilting pad thrust bearing. However, the
simulations did not take into account the thermal effects on the fluid film. Glavatskih et al. (2002) used the same test
bench to compare the results obtained with a Thermo-elasto-hydrodynamic (TEHD) model, with the objective of
analyzing the influence of the lubricant fluid properties on the performance of the bearing.

Dadouche et al. (2000) experimentally investigated the influence of different operational conditions, as applied load,
rotating speed and oil supply temperature, in a specific test bench for fixed geometry thrust bearing with large
dimensions. The same test bench was used some years later by Dadouche et al. (2006) to compare experimental and
simulation results, contributing to the development of the research and the state-of-the-art in the study of fixed
geometry thrust bearings, less studied experimentally than the tilting pad bearings, according to the authors. Ahmed et
al. (2010) also used the same test bench and compared the experimental results to those obtained by a TEHD model of
the same thrust bearing, considering the deformation of the runner and of the bearings due to the pressure distribution
within the fluid film.

The present work is placed in this historical context to present a THD analysis of fixed geometry thrust bearings
using the Finite Volume Method to simultaneously solve the Generalized Reynolds’ Equation and the Energy Equation,
the evaluation of an equivalent stiffness of the oil film and its validation in a experimental and representative test rig,
mainly to define the equilibrium position, namely, the oil film thickness in different rotation speeds and the
uncertainties associated with the zero reference of the measurements and the axial clearance of the bearing. The
experimental analysis of the thrust bearing was adapted to be accomplished in a small turbocharger at the TUD
(Technische Universitat Darmstadt), in Germany. The experiment concept elaboration also contributes to the state-of-
the-art of the research and works as the initial step towards the development of a test bench with possibilities for
analysis of high frequency and high loaded lubricated bearings.

PROBLEM DESCRIPTION

The evaluation of the equivalent coefficients of thrust bearings is not a simple task because it involves many
parameters, such as axial clearance and film thickness. The problem investigated in this work is the influence of the
uncertainties in the evaluation of the stiffness coefficient of the thrust bearing in a high speed automotive turbocharger.

Automotive turbochargers are used to improve the power of the internal combustion engine, increasing the air
injected inside the combustion chamber. In the experimental test bench, compressed air is used to run the turbine and,
consequently, the impeller causes axial forces in the rotating system, being necessary to use the thrust bearing to
support them. Fig. 1 shows a simplified scheme of the system, indicating the shaft, the thrust and the radial bearings, the
runner, the turbine and compressor rotors and the location of the position sensor.
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Figure 1 - Bearing assembly (out of scale).
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The shaft, the runners, the turbine and the compressor may move axially and radially, while the bearings remain
stationary. The axial movement is measured by the position sensor and has positive values towards the compressor, as
indicated in Fig. 1.

In this system, axial clearance and film thickness represent critical parameters due to its influences in the equivalent
coefficients of the thrust bearing. The axial clearance in the thrust bearing is measured using the position sensor,
shifting the runner (rotor) from the thrust bearing 1 towards the thrust bearing 2. Consequently, this procedure presents
uncertainties related to the assembly, manufacturing process and surfaces finishing, that certainly affects the evaluation
of the equilibrium position of the shaft with respect to the bearing. It is important to clarify that the uncertainties
associated to the instrumentation itself are not considered in the present analysis.

There is a second issue related to the measurements used to estimate the oil film thickness. The film thickness is
measured taking the reference position at the thrust bearing 1, which means the relative distance of the runner (rotor)
from the reference. Therefore, the reference position (X,) occurs when the runner is in contact with the thrust bearing 1.
Also in this case, the uncertainty in the reference position propagates to the measurements of the oil film thickness in
the bearing. As previously mentioned, the uncertainties of these measurements certainly influence the evaluation of the
equivalent stiffness coefficients, mainly due to its dependence on the equilibrium position of the runner at each rotation
speed.

The uncertainties of the reference position (X,) affect the film thickness (h), as described in the Eq. (1):
h=x-x =KV —x, M)

Where K is the sensor sensitivity (0.1604 mm/V) and V is the voltage acquired for each position.

The analysis here considers the surface of the runner as parallel to the surface of the bearing (Fig. 1) and neglects the
existence of geometrical discontinuities in the materials. The stiffness coefficients were numerically estimated from the
thermohydrodynamic lubrication model, in which the pressure distribution is obtained solving the Reynolds equation
jointly with the energy equation. The Finite Volume Method is applied, according to the models described by Patankar
(1980) and Arghir et al.(2002).

The Generalized Reynolds’ Equation, introduced by Dowson (1962), is here adapted for the cylindrical coordinates,

as follows:
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where o is the angular rotating speed of the shaft, p is the pressure generated within the fluid, h is the film thickness, t is
the time, r and @ are the coordinates in the radial and angular directions, respectively, and the functions Fy, F; and F,are
integrals responsible for coupling the variation of the temperature of the fluid and the fluid film pressure:
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being u the absolute viscosity of the fluid and x the coordinate in the direction of the film thickness.

The Energy Equation considers all heat exchanges, due to conduction or convection, and the heat generated due to
the viscous dissipation caused by the shearing of the fluid.
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where T is the fluid temperature, and u, v and w are the velocities of the fluid in the x, y and z directions, respectively,

with y=r*cos(6) and z=r*sin(6). Still, p is the fluid’s specific mass, k is its thermal conductivity, and C, is the specific
heat, all constant properties. The dissipative term is given by:

2 2
OX OX

where v, and v, are the fluid linear velocities in the radial and angular directions, respectively.
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The equivalent stiffness coefficient is obtained by applying a small perturbation around the equilibrium position of
the runner and taking into account the variation in the supported load, as suggested by Lund (1987). In this case, the
Generalized Reynolds’ Equation is evaluated considering an equilibrium position, what means that oh/ot=0 in Eq. (1).
The ratio between the load variation (0W,) and the film thickness variation (0x) results in the stiffness coefficient Ky,:

_ anOtal (6)

Kxx -
OoX

EXPERIMENTAL PROCEDURE

Figure 2 shows a picture of the test bench used in the tests. It is possible to identify, in this figure, the oil and cool
air supply systems, the cable of the position sensor, placed on the turbine side, and the system (strain gauges) used for
measure the external axial force on the rotating shaft. The system works impelled by compressed air injected on the
turbine side, causing the rotation of the shaft that connects the turbine to the compressor. The compressor side is open to
allow the measurement of the rotating speed of the shaft. The lubricating oil is the Essolube© X2 20W oil, pumped
from a reservoir. No specific oil cooling system is used. The inlet temperature in the thrust bearing is evaluated from the
THD model of the radial bearings for each rotation speed, which means the inlet temperature in the thrust bearing is
considerably higher than the oil temperature in the reservoir.

Compressed
air inlet

COMPRESSOR

SIDE
TURBINE
SIDE
Oil inlet
Position
Sensor Oil outlet

Strain gauges

Figure 2 - Instrumented turbocompressor (TUD, Germany).

Two sensors were installed: one position sensor facing the shaft (in the axial direction) at the turbine side, as
illustrated in Fig. 1; and one sensor for measuring the rotating speed of the shaft, installed at the compressor side. The
position sensor aims to measure the axial displacement of the shaft, while the velocity sensor receives one pulse at each
passage of one of the compressor blades. As the compressor has six blades, one rotation cycle is counted at every six
pulses.
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Figure 3 - Data acquisition system.
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As shown in Fig. 3, the signal from the sensor passes through an amplifier and through a low-pass filter before being
acquired by the dSpace®© Digital/Analog filter. The position sensor — Fig. 4(a) - was calibrated with the reference (xo)
obtained by axially moving the shaft until the runner touches the bearing 1, as shown in Fig. 4(b).
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Figure 4 - Data acquisition system: (a) Position system; (b) Runner relative position at xo.

RESULTS

In order to verify the influence of uncertainties in the estimation of the stiffness coefficient of the thrust bearing
assembled in a turbocharger, numerical simulations were accomplished considering different confidence intervals, such
as purto, uxtl5-0 and u+2-o where y is the mean and o is the standard deviation of the population.
Regarding to axial clearance, the measurements obtained from the experimental tests provide g =45.5 micrometer
and o = 2.2 micrometer.

The film thickness was obtained from the position sensor installed in the extremity of the turbocharger (see Fig. 4b).

Thus, the uncertainties were considered in the reference position xo. The estimation of the mean and standard deviation
of the reference position xo were based on the value measured in begging of the experiment with null rotation speed

(mean value) and the standard deviation was assumed nearly 1% of the mean, resulting z = 223.0 micrometer and

o = 2.2 micrometer for the reference position xo. Tables 1-3 show the values of the parameters considered in each
confidence interval.

Table 1 - Values of the parameters considering the confidence intervals ¢+ o

C-o, C C+o,
43.3 45.5 47.7
Xo =0y, X, Xo + 0y X, =0y, X, Xo +0,, Xo =0y, X, Xy +0,,
220.8 223.0 225.2 220.8 223.0 225.2 220.8 223.0 225.2
Q X= X= X= X= X = X= X= X= X=
f(&-0,) | (%) | fKo+o, )| fK-0y) | f(%) | fKeto,) | flR-0,) | (%) | f(X +0oy)
14100 21.6 19.3 17.1 21.6 19.3 17.1 21.6 19.3 17.1
20280 18.3 16.1 13.8 18.3 16.1 13.8 18.3 16.1 13.8
27580 15.0 12.8 10.6 15.0 12.8 10.6 15.0 12.8 10.6

According to the data in Tab. 1, computer simulations were carried out to verify the influence of uncertainties of the
axial clearance and film thickness in the determination of the stiffness coefficient in the thrust bearing, considering a

confidence interval of 68.26% within y#+ o .

As can be verified in Fig. 5, the influence of the film thickness is more significant than the influence of axial
clearance. This behavior can be observed by comparing Figs. 5 (a-c) to Figs. 5 (d-f). Furthermore, it is possible to verify
that the equivalent stiffness coefficient obtained numerically tends to approach to the experimental result as the film
thickness increases, i.e. the reference position decreases (see Eq.(1)). However, although the variations in film thickness
tend to reduce the difference between the numerical and experimental results, the equivalent stiffness coefficient
obtained experimentally in the thrust bearing is still outside the confidence interval.
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Table 2 — Values of the parameters considering the confidence intervals 1 +1.5-o

C -1.50, C C +1.50,
42.2 455 48.8
Xo—130,| %X | X +1l30,| X, -150,| X |X, +150,|X,—-130,| %X |X, +1.50,
219.7 | 2230 | 226.3 219.7 | 2230 2263 219.7 | 2230 | 226.3
f(x, -150, ) f(%,) | f(%,+150, ) f(%,~150, ) (%) | f(%+150, ) f(X, -150, )| f(%,) | f(% +150,
14100 227 19.3 16.0 22.7 19.3 16.0 22.7 19.3 16.0
20280 19.4 16.1 12.7 19.4 16.1 12.7 19.4 16.1 12.7
27580 16.1 12.8 9.4 16.1 12.8 9.4 16.1 12.8 9.4

Table 3 — Values of the parameters considering the confidence intervals 4 +2.0-o

C — 20, C C + 20,
41.1 45,5 49.9

Xy — 20'XO Xo X, + ZGXO Xy — ZO'XO Xo X, + 20'XO Xy — ZGXO Xo X, + ZO'XO

218.5 223.0 227.5 218.5 223.0 2275 218.5 223.0 2275

Q X = X= X = X = X = X = X = X = X =
f(XO—ZO'XO) f(io) f(io+20'xﬂ) f(XO—ZO'Xo) f(io) f(i0+20)<0) f(XO—ZUXO) f(io) f(i0+20)<0)

14100 23.8 19.3 14.9 23.8 19.3 14.9 23.8 19.3 14.9

20280 20.5 16.1 11.6 20.5 16.1 11.6 20.5 16.1 11.6

27580 17.2 12.8 8.3 17.2 12.8 8.3 17.2 12.8 8.3

Therefore, numerical simulations were performed considering a confidence interval £ +1.5- o, namely, 86,64%,
aiming to ensure that the experimental result is inserted into the confidence interval.
The data used in the numerical simulations for the confidence interval £ +1.5- o were presented in the Tab. 2. It

is important to highlight that the confidence interval 1£+1.5- o as considered for both parameter (axial clearance and

reference position).
Figure 6 shows the equivalent stiffness coefficient considering the confidence interval ©#+1.5- 0. Also in this

case, the influence of the film thickness is more significant than the influence of axial clearance, as can be observed by
comparing Figs. 6 (a-c) to Figs. 6 (d-f). However, although the influence of the parameters maintains the previous
tendency, the equivalent stiffness coefficient tends to approach to the experimental result as both parameters increase,
respectively, axial clearance and film thickness. In this case, the lowest difference between the numerical and
experimental results is obtained when considering the maximum axial clearance and the minimum reference position, as
observed in Fig. 6(c). However, a good approach can be observed in the comparison of numerical end experimental
results, and the tendency of the curves is quite similar.

Finally, the confidence interval was taken at 95.44% and numerical simulations were also accomplished considering

the data obtained from the interval g+ 2- o . The data used in these numerical simulations are showed in Tab. 3.

Figure 7 shows the equivalent stiffness coefficient of the thrust bearing for the confidence interval g +2-o . As

previously described, the influence of the film thickness is more significant than the influence of the axial clearance, as
can be observed by comparing Figs. 7 (a-c) to Figs. 7 (d-f). Also in this case, the lowest difference between the
numerical and experimental results occurs with maximum axial clearance and minimum reference position. Finally, in
this case, the equivalent stiffness coefficient obtained numerically is in very good agreement to the equivalent stiffness
coefficient obtained experimentally, as can be observed in Fig. 7(c).
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Figure 5 - Stiffness coefficient of the thrust bearing considering the confidence interval of (= o . (a), (b) and (c)

Influence of the reference positon in the stiffness coefficient for the minimum, medium and maximum axial
clearance, respectively. (d), (e) and (f) Influence of the axial clearance in the stiffness coefficient for the
minimum, medium and maximum reference positon, respectively.
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Figure 6 — Stiffness coefficient of the thrust bearing considering the confidence interval of 1 +1.50 . (a), (b)

and (c) Influence of the reference positon in the stiffness coefficient for the minimum, medium and maximum
axial clearance, respectively. (d), (e) and (f) Influence of the axial clearance in the stiffness coefficient for the
minimum, medium and maximum reference positon, respectively.



K [N/m]

K [N/m]

K [N/m]

G. B. Daniel, L. C. Vieira, K. L. Cavalca

7 Axial Clearance: C - 2¢ 7 Axial Clearance: C
10 x 10 : C 10 x 10 .
—e—X, - 20, —e—X, - 20,
8 —6—X, P2l 8H ——X%, =
—e—X, + 20, / —e—X, + 20, /
6 O exp. pd = 6~ exp. yd
4
4 & 4 r g
5 m// ) . ,,// /o
- o v e/
—
e ——8§ :@: —8
0 0 :
1.5 2 2.5 1.5 2 2.5
Q [RPM] X 104 Q [RPM] X 104
(@) (b)
107 Axial Clearance: C + ZGC 107 Reference Position: X - 260
102 : 10 :
—e—XO—ZGO —e—C—ZGC
8H —o—X, yol g —e—C
—e—X, + 20, / ——C + 20,
6 —— exp. /| _ gl exp.
=
/ 2
4
4 /Q/ )
2 o —— —
/:p; —=$ & Eﬁ
1
0 r O 3 3
1.5 2 2.5 1.5 2 2.5
Q [RPM] x 10" Q [RPM] % 10"
(© (d)
7 Reference Position: x 7 Reference Position: x_ + 2c
x 10 0 X 10 0 0
10 : 10 r
—e—C - ZGC —e—C - ZGC
8- —e—C 8+ —e—C yo)
——C + 20, —o—C+ 20, /
6 L exp — 6 Ll E eXp /
£
Z
4 x 4 /
’ % 2 &
= ‘ —»o — o
‘_vef
0 : 0
1.5 2 2.5 1.5 2 2.5
Q [RPM] % 104 Q [RPM] % 104

©)

()

Figure 7 — Stiffness coefficient of the thrust bearing considering the confidence interval of £+ 20 . (a), (b) and

(c) Influence of the reference positon in the stiffness coefficient for the minimum, medium and maximum axial
clearance, respectively. (d), (e) and (f) Influence of the axial clearance in the stiffness coefficient for the
minimum, medium and maximum reference positon, respectively.
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CONCLUSIONS

The main purpose of this work is to validate the axial stiffness coefficient of a hydrodynamic thrust bearings and its
dependence on the rotation speed, taking into account thermal effects on the numerical model. An experimental test
bench was adapted to obtain the measurements related to the equilibrium position of the shaft at each rotation speed.
This parameter is essential to evaluate the stiffness coefficient. However, it depends on crucial physical measures of
axial clearance and the position sensor reference system (the zero point). Both measures involve uncertainties that
propagate and affect the evaluation of the coefficient. At this point, the uncertainties influence was investigated for
three confidence intervals, namely, 68.26%, 86.64% and 95.44%.

The sensitivity analysis shows that the oil film thickness (or the reference position) has more expressive influence
on the results than the axial clearance.

The most promising combination of those physical measures boundaries was the maximum axial clearance and the
minimum reference position to the sensor, or the maximum oil film thickness.

The numerical approach can be considered promising and in good agreement with the experimental results when
considering confidence levels of 86.64% and 95.44%.

However, the main point to be highlighted here is when dealing with complex experiments involving variability due
to assembling or even manufacturing, a model validation based on the uncertainties propagation influence is crucial.
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