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Abstract. This work presents a numerical model to simulate the flow and heat transfer between the refrigerant fluid and 

outside air along tube-fin evaporators commonly used in ‘no-frost’ household refrigerators. The refrigerant flow inside 

the tube is taken as one-dimensional and divided in a two-phase flow region and a superheated vapor flow region. The 

homogeneous flow model is employed for the two-phase flow region. The refrigerant pressure drop and the moisture 

condensation on the airflow crossing the outside of the tubes are taken into account. The fundamental equations of mass 

conservation, momentum and energy conservation governing the refrigerant flow are solved in order to evaluate the 

velocity, pressure and specific enthalpy of the refrigerant fluid, respectively. The energy and mass (humidity) conservation 

equations for the air flow are solved in order to evaluate the temperature and absolute humidity of the air crossing the 

evaporator, respectively. The energy conservation equation for the wall of the evaporator tube is also solved to obtain the 

wall temperature distribution. The governing equations are integrated numerically using Euler's method and the resulting 

algebraic system of equations is solved by Newton-Raphson’s method. The results are compared with experimental data 

available in the literature and the mean relative deviation is 1.44 % for the refrigeration capacity and mean absolute 

deviation is 1.02 °C for the degree of superheat at the evaporator outlet. 
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1. INTRODUCTION  

 

Global energy consumption is one of the most crucial current environmental issues. According to Piucco, Melo and 

Boeng (2005), high energy consumption is directly associated to low energy-efficient thermal systems in operation, such 

as domestic refrigerators, which though individually exhibit low energy consumption, the large number of appliances in 

operation and their low thermodynamic efficiencies make them a major contributor to the planet’s energy consumption. 

The top selling refrigerator models in Brazil are those that have two refrigerated compartments and automatic defrost, 

also known as ‘no-frost’ refrigerator. The main feature of these devices is the use of an air distribution system which is 

basically constituted of a fan, ducts and a tube-fin heat exchanger. Air aspirated by the fan passes through the evaporator 

where it is cooled and dehumidified. From the evaporator, the cold air is insufflated in a plenum, to provide better airflow 

uniformity, and part of the flow is further directed to the freezer (~ 70%) while another part is directed for the refrigerator 

compartment (~ 30%) (Piucco, Melo and Boeng (2005). 

In the refrigeration field, an issue that has motivated intense research and substantial investment regards improving the 

performance of the main components of a vapor compression refrigeration system: evaporator, condenser, compressor and 

expansion device. The performance of these components is directly associated to the thermodynamic irreversibility 

resulting from the flow of the refrigerant and heat transfer process through these components, particularly in the evaporator. 

The main motivation of this work is to analyze the performance of one component of a household refrigerator, the tube-

fin 'no-frost' evaporator (see Fig. 1), by means of a distributed model. Several theoretical and experimental studies dealing 

with different aspects regarding the performance of tube-fin evaporators can be found in the literature:, Liang et al. (1999), 

Domanski, Yashar and Kim (2005), Piucco, Melo and Boeng (2005), Jabardo, Zoghbi Filho and Salamanca (2006), Byun, 

Lee and Choi (2007), Singh, Aute and Radermarcher (2009), Knabben, Hermes and Melo (2011), Ding et al. (2011), 

Waltrich et al. (2011) and Kaern, Elmegaard and Larsen (2013). 

Most of the research conducted refers to heat exchangers used in commercial refrigeration and in air-conditioning 

systems. Due to the large amount of phenomena involved in the operation of evaporators, different aspects have been 

analyzed, such as how air distribution affects the evaporator performance; how shape and layout influence evaporator tubes; 

fin type; evaporator dynamical behavior when submitted to different operating conditions; and other aspects. 

This work presents a numerical model to simulate the flow and heat transfer between the refrigerant fluid and outside 

air along the tube-fin evaporators commonly used in ‘no-frost’ household refrigerators, considering the interaction between 
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the different tube circuit configurations. The model includes a numerical procedure that allows calculating the refrigerant 

mass flow rate, once the evaporator geometrical parameters and operating conditions are known, to analyze the evaporator 

performance. The minimization method of Levenberg-Marquardt is used to estimate the mass flow rate. The developed 

model is validated through a comparison with numerical and experimental data available in the literature.  
 

 
 

Figure 1. Tube-fin 'no-frost' evaporator (Hermes, 2006). 

 

2. PROBLEM  FORMULATION 

 

The refrigerant fluid flow inside the evaporator tube is divided into two regions: a two-phase flow (liquid-vapor) and 

another one with superheated vapor flow. The pressure drop inside the tubes, due to friction and acceleration effects of the 

refrigerant, and the moisture condensation on the air side are taken into consideration. 

The following assumptions are considered to simplify the problem: a) the refrigerant and air flow are taken to be 

one-dimensional; b) the refrigerant is considered as a Newtonian fluid, oil free; c) the following are disregarded: the heat 

conduction in the tube wall and in the axial direction of the fluid flow, the viscous energy dissipation, the potential and 

kinetic energy variation in the flow along the evaporator tube and the flow pulsation, refrigerator characteristic operating 

with positive displacement machines; d) the heat transfer coefficient is uniform on the air side may be different at dry and 

wet coil regions; e) there is not ice formation; f) the air flow is considered incompressible; g) the thermo-physical properties 

of the material of the tube wall and fins are assumed to be constant; h) the two-phase flow inside the tube is considered 

homogenous, i.e., the flow is mathematically treated as a pseudo single-phase flow, whose properties are obtained 

considering the vapor quality and properties of each individual phase. Consequently, both phases have the same velocities, 

pressures and temperatures and surface tension effects are not considered in any cross-section along the tube. 

The governing equations for the flow inside the tube are divided according to the flow type: single-phase or two-phase. 

The equations presented below are related to the two-phase flow region. Considering the void fraction  = 1, in these 

equations the governing equations for the superheated vapor region are obtained. 

Based on the above assumptions and applying the principles of mass conservation, momentum and energy conservation 

for the refrigerant (see Fig. 2), the following governing equations are obtained for the refrigerant flow: 
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where t is the time [s], z is the coordinate along the evaporator tube [m], u is the average velocity of the refrigerant flow in 

the cross section of the tube [m/s], ]ρ)α1(αρ[ρ lv    is the density of the liquid-vapor mixture [kg/m3], 

  1
lv ]xρ)x1(ρ[1α


 is the void fraction, x  is the vapor quality, p  is the flow pressure inside the tube [Pa]. The 

subscripts l and v indicate the liquid and vapor phases, respectively. In equation (2), 𝐹𝑧 is the force per volume unit due to 

friction between the refrigerant and the tube wall [N/m3]. This term is frequently represented by 𝐹𝑧 = (𝜕𝑝/𝜕𝑧)𝐹, since it 

represents the portion of the total pressure loss along the volume control, caused by viscous effects. Thus, 𝐹𝑧 = (𝑓𝜌𝑢2/2𝑑𝑖), 

in which f is the Darcy friction factor and di is the inner tube diameter [m]. 

In Equation (3),  lvr i)x1(xii   is the refrigerant specific enthalpy [J/kg], li  and vi  are, respectively, the liquid and 

vapor specific enthalpy [J/kg],   rwrwr TThq   is the heat flux from the tube wall to the refrigerant [W/m2], rh  is the 

convection heat transfer coefficient inside the tube [W/m2K], wT  and rT  are, respectively, the tube wall and the refrigerant 

temperatures [°C],  𝑃𝑖 = (𝜋𝑑𝑖) is the inner perimeter of the tube [m], di is the inner diameter of the tube and 𝐴𝑡𝑢𝑏 =

(𝜋𝑑𝑖
2/4) is the cross sectional area of the tube [m2]. 

Appling the principle of energy conservation at the tube wall, we have, 
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where mwf is the mass of the tube wall and the fins by unity length [kg/m], cp,wf is the mean specific heat at constant pressure 

considering the tube and fin materials [J/kg K], ha is the air side convection heat transfer coefficient [W/m2 K], 

)ηAA(A ffrt   is the heat transfer total area per unit length [m], rA  is the outer area not covered by fins per unit length 

[m], fA  is the fin surface area per unit length [m], fη  is the fin efficiency presented by McQuiston and Parker (1994), aT  

is the air temperature [°C], waterλ  is the latent heat of water condensation at temperature wT [J/kg], aω  and sat,aω  are the 

air absolute humidity and the saturated air humidity at temperature wT  [kgv/kgdry air], respectively, and hm is the mass transfer 

coefficient [kg/m2s], calculated by the Lewis correlation, [hm=ha/Le cp,a], where Le is the Lewis number, 

Le=[ka/(acp,aDab)], Dab is the water-air mass diffusivity [m2/s], ak  is the air thermal conductivity [W/mK] and cp,a is the 

specific heat at constant pressure for the air [J/kgK]. 

In tube-fin evaporators used in conventional refrigeration systems, the occurrence of air dehumidification is common. 

The air-side surface of the coil will be covered by a liquid water film because of dehumidification, which may freeze due 

to low evaporating temperatures. Thus, in addition to sensible heat transfer resulting from the temperature variation, there 

is the latent heat transfer due to the condensation. To obtain the governing equations for the air flow, in addition to the 

previous assumptions, the thermal inertia of the air is neglected. 

Applying the principles of mass conservation (humidity) and energy conservation for the air (Kuehn, Ramsey and 

Threlkeld, 1998), the following equations are obtained, respectively, 
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where )]LW(uρ[m evapevapaaa   is the air mass flow rate [kg/s], y is the coordinate along the airflow crossing the outside 

of the evaporator tube [m],  
a

  is the air density [kg/m3], ua is the air velocity [m/s], Levap and Wavap are the straight length 

and width of evaporator [m], il,water is the liquid water specific enthalpy at temperature wT  [J/kg]. 

Thus, the proposed model is constituted by the system of Eqs. (1) to (6), which should be solved to give the distributions 

of u ,p, ir, Tw, a and Ta, respectively. To perform this task, closer relationships are then needed to calculate the refrigerant, 

air and water thermo-physical properties, the friction coefficient, the refrigerant-air heat transfer coefficients and the water 

mass-transfer coefficient. 

The refrigerant and air thermo-physical properties are obtained, respectively, from REFPROP 8.0 (Lemmon, Huber and 

McLinden, 2007) and from the data presented by ASHRAE (1993). The thermo-physical properties of water, of the tube 

wall and fin materials are computed using the data provided by Incropera, et al. (2014). Moreover, the model uses the 

following correlations to compute other parameters: 

1. friction factor in the superheated vapor region: Churchill (1977); 

2. pressure drop due to friction in the two-phase flow region: Paliwoda (1989); 



Paulo Henrique Neves Pimenta, André Luiz Seixlack  
Analysis of a Tube-fin ‘no-frost’ evaporators using a distributed Model  

 

3. heat transfer coefficient in the single-phase flow region: Dittus-Boelter (1930); 

4. heat transfer coefficient in the two-phase flow region: Jung and Radermacher (1991); 

5. heat transfer coefficient on the air side: McQuiston (1981). 

 

2.1 Initial conditions 

 

For a given tube-fin evaporator the model could be used to: (a) determine evaporator performance parameters, such as: 

refrigeration load; outlet refrigerant and air temperatures; among others, since the evaporator operating conditions and 

dimensions are known. In this case a direct problem is solved from a set of inlet conditions for the refrigerant and also for 

the air; (b) determine the refrigerant mass flow rate along evaporator tubes, once its dimensions and other operating 

conditions are known. In this case, an inverse problem must be solved, since the governing equations are mass flow rate 

dependent. The initial conditions for each case is shown as follows. 

(a) Direct problem: in this case, the solution of Equations (1) to (6) is obtained from known refrigerant conditions at the 

tube inlet (z=0):  x  ,mr
 , p and ,Tr and from known air conditions  ω  ,T aa  and am  at evaporator inlet. Knowing x and 

Tr  at the  tube inlet, the other thermodynamic properties are calculated at this point: =(Tr, x) and ir=ir(Tr, x), using 

the thermodynamic library REFPROP 8.0 (Lemmon, McLinden and Huber, 2007). The tube wall temperature is 

assumed equal to the refrigerant temperature at z=0 and the air specific enthalpy, also at z=0, is obtained as a function 

of Ta and a, ia=ia(Ta, a), from the data presented by ASHRAE (1993). The density and temperature of the refrigerant 

in the two-phase and single-phase regions are also obtained by thermodynamic library REFPROP 8.0, using the pressure 

values, the specific refrigerant enthalpy and vapor quality, at single phase region by: 𝜌 = 𝜌(𝑝, 𝑖𝑟) and 𝑇𝑟 = 𝑇𝑟(𝑝, 𝑖𝑟) 

and at two-phase region by:  𝜌 = 𝜌(𝑝, 𝑥) and 𝑇𝑟 = 𝑇𝑟(𝑝). 

(b) Inverse problem: The inverse problem corresponds to that which is needed to calculate the refrigerant mass rate along 

the evaporator once its geometry is known and the other refrigerant conditions at the tube inlet: x, p and Tr, and from 

known air conditions  ω  ,T aa  and am  at evaporator inlet. The problem is non-linear because the governing equations 

are mass dependent. 

 

3. SOLUTION METHODOLOGY 

 

The numerical solution for the system of Equations (1) to (6) is obtained by numerical integration using the Euler 

method, in which the Equations (1) to (3) are integrated over time and space, z direction, between the points k-1 and k along 

the tube (see Fig. 2), Equation (4) is time integrated and the Equations (5) and (6) are integrated in the y direction. Unsteady 

terms in governing equations are discretized using the approximation formula: ]tΔ/)φφ[(t/φ o , in which 

superscript “o” means the time step immediately before. For the integrals over time a completely implicit scheme was used, 

in order to reach numerical stability for the algorithm. 

The evaporator is divided in small cells, a total of Mk cells, with same dimensions Δz, as shown in Figures 2 and 3. 

The discretized equations for calculating the variables present the same form for all points. To avoid the use of a separate 

equation for the point k=1, the evaporator inlet, a dummy cell is used in this position. Variables u, p, ir and Tw are stored at 

the k-1 and k points of the cell, shown in Figure 2, while the variables Ta and a are stored on the (i,j), (i,j+1), (i+1,j) and 

(i+1,j+1) points of the cell, also shown in Figure 2. 

 

 
 

Figure 2. Layout of the limits of integration along the refrigerant fluid flow and air flow. 

 

The solution of the resulting algebraic system of equations is obtained for each cell along the evaporator and the 

variables u ,p, ir, Tw, a and Ta are calculated at every point. To improve the efficiency of the solution process, a two-level 
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iterative method is used. First, the refrigerant and tube wall variables are calculated. Second, the air variables are calculated. 

The Newton-Raphson method is applied point by point along the evaporator to solve the system of equations. 

In the airside, the temperature and humidity values are corrected for the whole mesh and not cell by cell. Convergence 

is achieved when the summation of all corrections of the air conditions, Ta and a, will be less than 10-4. It is considered 

that steady state regime is reached when a change of u, p, ir and Tw, from a time step to another is less than 10-3. Once the 

steady state regime is achieved, the refrigerant mass flow rate is increased or decreased to simulate the evaporator unsteady 

behavior. As the evaporator was in steady state regime, this perturbation will promote an unsteady state period followed by 

a steady state. This change in refrigerant mass flow rate simulates different operating system conditions. 

For the grid shown in Fig. 3 NR index relates to the line, ii refers to the vertical position of the tubes and jj refers to a 

horizontal position along the tubes. 
 

 

(a)                                                                         (b) 

Figure 3. Discretization of the evaporator for the numerical solution: (a) front view; (b) lateral view. 

 

Since the inverse problem is non-linear as the governing equations are mass dependent, an additional calculation 

procedure is necessary. Therefore, the initial value of rm  is estimated and the refrigerant temperature at the evaporator 

outlet (Tr,o) is calculated and compared to the respective measured (or computed using another model) value. After, the 

value of rm  is corrected by using the non-linear parameter estimation method of Levenberg-Marquardt. The process is 

repeated until some convergence criteria are matched. 

 

4. RESULTS AND DISCUSSION 

 

This work presents some comparison between results for the steady state regime computed using the present model and 

results obtained by Liang et al. (1999), for the direct problem. Table 1 shows the geometrical parameters for the evaporator 

analyzed by Liang et al. (1999). 

 

Table 1. Geometrical parameters of the evaporator simulated by Liang et al. (1999). 

Geometrical parameters 

Straight tube length (m) 1.0 Tube inner diameter (mm) 8.83 

Transversal tube spacing (m) 0.025 Fins thickness (mm) 0.12 

Longitudinal tube spacing (m) 0.0216 Fins spacing (mm) 2.41 

Tube outer diameter (mm) 9.53 Quantity of fins 394 

 

Figures 4(a) and 4(b) show, respectively, the relative humidity of air at evaporator inlet, R.H., of 30% and 60%, some 

comparisons of the air temperature profile, the tube wall temperature and the refrigerant temperature calculated using the 

present model with the results computed by Liang et al. (1999). For these cases, the direct problem is solved considering 

known refrigerant mass flow rate of 12.96 kg/h and 30.96 kg/h and the refrigerant temperature at the tube inlet of 10.5 °C 

and 11 °C, for the air relative humidity at the evaporator inlet of 30 % and 90 %, respectively. The other operating conditions 

used by Liang et al. (1999) were kept constant for such cases: vapor quality at tube inlet = 0.22, air temperature and air 
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velocity at the evaporator inlet are 28 °C and 2.0 m/s, respectively. The enthalpy at evaporator inlet is determined through 

operating conditions at the condenser outlet: condensation temperature = 45°C, sub-cooling degree = 5°C. 
 

   
(a)                                                                                           (b) 

Figure 4. Temperature profiles for air, tube wall and refrigerant for: (a) R.H. = 30%; (b) R.H. = 60%. 

 

Figures 4(a) and 4(b) show a good agreement between the results presented by Liang et al. (1999) and the results 

calculated using the present model, mainly for refrigerant and tube wall temperature profiles. However, the air temperature 

profile still has discontinuities that need further investigation. Note that the refrigerant and the tube wall temperatures 

suddenly increase near the tube outlet due to the complete vaporization of the refrigerant in this region. As observed by 

Liang et al. (1999), the higher air relative humidity at the evaporator inlet results in higher total air heat transfer coefficient 

due to the intensification of mass transfer along the coil, caused by increased moisture condensation. Due to this, the 

increased air relative humidity at the evaporator inlet causes the tube wall temperature to increase, as shown in Figures 4 

(a) and 4 (b).  

The results obtained from the model for steady state regime were also compared to the experimental data obtained by 

Piucco, Melo and Boeng (2005). These comparisons refer to the set of tests in which only the refrigerant mass flow rate 

and the 3 were different, as shown in Table 2. The other operating conditions were kept constant: refrigerant temperature 

at the tube inlet of -33 °C, evaporation pressure 0.73 bar, vapor quality at tube inlet 0.42 and air volumetric flow rate 38 

m3/h. The geometrical parameters for the evaporator tested are presented in Table 3. 

 

Table 2. Operating conditions (Piucco, Melo and Boeng, 2005). 

 Tests 

 1 2 3 4 5 6 

Refrigerant mass flow rate (kg/h) 2.62 2.98 3.22 3.48 3.52 3.6 

Air temperature at the evaporator inlet (°C) -12.5 -17.6 -20.5 -20.8 -20.8 -21 

 

Figures 5(a) and 5(b) show, respectively, the cooling capacity as a function of refrigerant mass flow rate  and the 

evaporator superheat as a function of refrigerant mass flow rate. The calculated values are compared with experimental 

data provided by Piucco, Melo and Boeng (2005) in Figures 5(a) and 5(b). The evaporator superheat is the refrigerant 

superheat degree at the evaporator outlet (To), which is calculated from the difference between the refrigerant temperature 

at the outlet of the evaporator (Tr,o) and the evaporation temperature (Tsat): To= Tr,oTsat. 
 

Table 3. Geometrical parameters of the evaporator tested by Piucco, Melo and Boeng (2005). 

Geometrical parameters 
Number of tube rows 4 Tube outer diameter (mm) 7.94 

Tube number in each row 5 Tube inner diameter (mm) 6.97 

Total length of the coil (m)  7.814 Fins spacing (mm) 6.35 

Number of vertical tube pitch  10 Fins thickness (mm) 0.15 

Number of horizontal tube pitch 2 Fin type Lisa 

Vertical tube spacing (mm) 19.2 Number of fins 47 

Horizontal tube spacing (mm) 11.1 Face area, m²:  0.02083 

 

It can be seen in Figure 5(a) that the computed results follow the same trend and show good agreement with the 
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experimental data. Furthermore, all the calculated values for the cooling capacity were higher than the experimental data. 

Considering the entire range of mass flow rate analyzed, 2.62 to 3.6 kg/h, the mean relative deviation and the mean absolute 

deviation, compared to the experimental data of Piucco, Melo and Boeng (2005), are 1.44% or 1.63 W, respectively. 

 

 
Figure 5. Comparisons between computed values and experimental data (Piucco, Melo and Boeng, 2005): (a) cooling 

capacity as a function of refrigerant mass flow rate; (b) refrigerant superheat degree as a function of refrigerant mass flow 

rate. 

 

Figure 5(b) shows that the computed results also follow the same trend and show good agreement with the experimental 

data. It was also noted that the model overestimates the evaporator superheat over the range of flow mass rate up to 3.0 

kg/h. The largest deviation occurred for the mass flow rate of 2.62 kg/h, where the absolute deviation between the computed 

and experimental evaporator superheat was 3.03 °C. This behavior, as shown by Piucco, Melo and Boeng (2005), is due to 

the difficulty in measuring superheat degrees less than 2 °C due to the presence of liquid in suspension in the flow, which 

decreases the measurement accuracy of the superheat degree. Taking into account the entire range of mass flow rate 

analyzed, 2.62 to 3.6 kg/s, the mean absolute deviation is 1.02 °C, compared to the experimental data of Piucco, Melo and 

Boeng (2005). 

Figure 6 shows the comparison between computed cooling capacity as a function of evaporator superheat and the 

experimental data provided by Piucco, Melo and Boeng (2005). Figure 6 shows that the cooling capacity is inversely 

proportional to the evaporator superheat, since a lower degree of overheating means a greater extension of the two-phase 

region, which results in a greater cooling capacity.  

Moreover, Figure 4 (a) indicates that the cooling capacity is directly proportional to mass flow rate. The model's 

tendency to overestimate the cooling capacity is also observed. 
 

 
 

Figure 6. Comparison between computed values and experimental data (Piucco, Melo and Boeng, 2005) of the 

cooling capacity as a function of evaporator superheat. 
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5. CONCLUSION 

 

This work presents a model for analyzing the tube-fin evaporator, commonly used in refrigeration and air conditioning 

systems. In the distributed model the refrigerant flow inside the tubes and the heat transfer to the outside air are considered. 

The refrigerant flow is divided into two regions: a vapor-liquid two-phase flow and a flow of superheated steam. The 

refrigerant pressure drop, the moisture condensation on the airflow crossing the outside of the tubes and the interaction 

between the different circuit configurations of the tubes are also taken into account. 

The model allows calculating, in steady-state and unsteady operations, the cooling capacity, the evaporator superheat, 

the refrigerant mass flow rate, the local distribution of refrigerant and air temperatures, the refrigerant velocity, the 

refrigerant pressure and the air humidity, known geometrical parameters of the evaporator and other operating conditions. 

Comparison between experimental results available in open literature and those obtained in this work show good 

agreement with regard to the refrigerant mass flow rate, as well as evaporator superheat. Considering the entire range of 

mass flow rate analyzed, 2.62 to 3.6 kg/h, the mean absolute deviation in relation to the experimental data, regarding the 

refrigerant mass flow rate and the evaporator superheated,  was 1.02 °C, and the mean relative deviation in relation to the 

experimental data, regarding the refrigerant mass flow rate and the cooling capacity, was 1.44 %. 

The Euler method used to integrate the equations and the Newton-Raphson method used to solve point by point the 

system of discretized equations proved to be very reliable to solve the governing equations of the system.  
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